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ABSTRACT

DEVELOPMENT OF A ROLLER BEARING MODEL FOR MULTIBODY
SIMULATIONS:

BEARING VIBRATION TRANSFER PATH ANALYSIS

Umut TEKTURK

Master of Science, Department of Mechanical Engineering
Supervisor: Assoc. Prof. Dr. Selahattin Caglar BASLAMISLI

December 2020, 68 pages

Mechanical systems are major sources of sound radiations and vibrations, even in their
good operating conditions. The vibro-acoustic transfer functions of mechanical systems
are crucial in Noise Vibration Harshness (NVH) analysis. Rotating machines are among
common applications in mechanical engineering. Every mechanical component in
rotating machines affect the total vibration transfer path. For this reason, for an accurate
NVH modelling of the system, the detailed modelling of each component is required.

With the advancements in commercial multibody simulation software and computational
capacity of the modern computers, it is possible to model and simulate complex
multibody systems. Rolling bearings are considered as the key elements in motion and
vibration transmission. They are utilized to carry shaft and transmit the motion.
Therefore, rolling bearings need to be modelled accurately by considering their varying
dynamic characteristics.

A number of studies have proposed and investigated various bearing dynamic models to
estimate their dynamical behavior. Although available models have widely being used in
[



industry and academia, their accuracy in estimation of bearing vibrations and vibration
transfer path is still doubtful. In this regard, modelling and implementation of the rolling
bearing contact mechanism plays major role in bearing vibration transfer path function.
Rolling bearing contacts are usually considered as Hertz contact in the literature. In
contrast, the recent investigations show the importance of the Elastohydrodynamic (EHD)
contacts in dynamic modelling of mechanical parts. The EHD contacts can be simulated
and analyzed using Reynolds and Computational Fluid Dynamics (CFD).

Within the objectives of the current study, three rolling bearing dynamic models based
on three various contact models using, Hertz, Reynolds, and CFD are developed. For this
purpose, bearing contacts are considered as Kelvin-Voigt spring-dampers, and extended
to a total rolling bearing model in a Multibody Simulation (MBS) environment. Then,
their dynamic properties and transfer paths are investigated and compared numerically in
the time and frequency domain. The numerical results illustrate and highlight the
differences and limitations of the above mentioned bearing contact modelling methods in
the context of the total bearing model.

Key Words: cylindrical rolling bearing, multibody dynamics, multibody simulation,

modal analysis, noise-vibration-harshness.



OZET

COKLU CiSIMLER DINAMIiGi YAKLASIMIYLA
MAKARALI RULMAN MODELININ GELISTIRILMESI:

RULMAN TiTRESIM ILETIM YOLU ANALIZI

Umut TEKTURK

YUksek Lisans, Makina Miihendisligi Boliimii
Tez Damismani: Dog. Dr. Selahattin Caglar BASLAMISLI

Aralik 2020, 68 sayfa

Mekanik sistemler, temel ses yayilimi ve titresim kaynaklaridir. Giiriiltii, titresim ve
sertlik (NVH) analizlerinde mekanik sistemlerin titresim-akustik transfer fonksiyonlari
etkilidir. Donen makinalar, makina miihendisliginde yaygin uygulamalar arasindadir. Bu
makinalardaki her mekanik bilesen, toplam titresim aktarim yoluna etki eder. Bu nedenle,
mekanik bir sistemin hassas ve ger¢ege yakin bir NVH modelinin ¢ikarilmast igin her bir

sistem bileseninin ayrintili olarak modellemesi gereklidir.

Ticari ¢oklu cisimler similasyonu yazilimlarindaki gelismeler ile modern bilgisayarlarin
hesaplama kapasitelerindeki ilerlemeler, karmasik ¢oklu cisim sistemlerini modellemek
ve simiilasyonlarini gerceklestirmeye olanak tanimaktadir. Rulmanlar, donen milleri

tagimak ve hareketi iletmek i¢in kullanilmalarinin yaninda hareket ve titresim aktariminda



temel unsurlar olarak kabul edilmektedirler. Bu nedenle rulmanlarin degisen dinamik

ozellikleri dikkate alinarak dogru bir sekilde modellenmesi gereklidir.

Yapilan ¢alismalarda, rulman dinamik davraniglarin1 6ngorebilmek icin ¢esitli rulman
dinamik modelleri dnerilmistir. Mevcut modeller endiistride ve akademide yaygin olarak
kullanilmasma ragmen, yatak titresimleri ve titresim aktarim yolunun tahminindeki
dogruluklart hala tartisilmaktadir. Bu baglamda, makarali rulman temas mekanizmasinin
modellenmesi ve uygulanmasi, rulman titresim aktarim yolu fonksiyonunda biiyiik rol
oynamaktadir. Rulman temaslari, literatlirde genellikle Hertz temas iliskisi olarak kabul
edilir. Bununla birlikte, son arastirmalar, mekanik sistem elemanlarinin dinamik
modellemesinde Elastohidrodinamik (EHD) temaslarin 6nemini gostermektedir. EHD
temaslar1 Reynolds ve Hesaplamali Akiskanlar Dinamigi (CFD) yéntemleri kullanilarak

modellenebilir ve analiz edilebilir.

Bu ¢alisma kapsaminda, Hertz, Reynolds ve CFD yontemleri kullanilarak, farkli temas
modellerine dayanan rulman dinamik modelleri gelistirilmistir. Bu amagla, rulman
temaslar1 Kelvin-Voigt yay-sonimleyici olarak kabul edilmis ve Coklu Cisimler
Similasyonu (MBS) ortaminda tam rulman modeline genisletilmistir. Daha sonra
dinamik ozellikleri ve titresim iletim yollar1 incelenmis ve sonuglar zaman ve frekans
alaninda sayisal olarak karsilastirilmistir. Sayisal sonuglar, tam yatak modeli baglaminda
yukarida bahsedilen rulman temas1 modelleme yontemlerinin farkliliklarin1 ve sinirlarini

gOstermis ve vurgulamustir.

Anahtar Kelimeler: silindirik makarali rulman, ¢oklu cisimler dinamigi, ¢oklu cisimler

simulasyonu, modal analiz, titresim-gurultu- sertlik.
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1. INTRODUCTION

Mechanical systems are major sources of noise and vibrations. The vibro-acoustic transfer
functions of the mechanical systems are important in dynamic analyses. Rotating
machines are commonly used in various mechanical systems. Every mechanical
component in the rotating machines affect the total vibration transfer path. For this reason,
modelling of each part of the mechanical system is crucial, in order to build an accurate
Noise Vibration Harshness (NVH) model.

With the advancements in commercial multibody simulation software and computational
capacity of the modern computers, it is possible to simulate complex dynamics of
multibody systems. Rolling bearings are considered as the key elements in motion
transmission. Bearings are utilized to carry the shaft and to transmit the motion. However,
due to the varying dynamic characteristics, bearings produce noise and vibration while
performing their duty.

A number of studies have proposed various bearing dynamic models, in order to estimate
their dynamic behaviour. Although these models are widely used in industry and widely
accepted by the academic community, their accuracy in estimation of bearing vibration
path is still doubtful. Hertzian contact is mainly used as rolling bearing contacts in
literature. However, recent investigations show the importance of the
Elastohydrodynamic (EHD) contacts in dynamic modelling of mechanical components.
The EHD contacts can be determined using Reynolds and Computational Fluid Dynamics
(CFD) approaches.

1.1. Problem Description

In dynamic system analysis, developing an accurate and a reliable model is a crucial step
in estimating the system behaviour. The dynamic model can then be employed for NVH
optimization purposes. The detailed models of the parts ensure realistic and reliable
results. Nevertheless, as the model complexity increases, it becomes less practical due to
the increasing simulation time and effort. Thus, there is a trade-off between model

accuracy and applicability.

An accurate bearing model needs to include components of bearing and their detailed

interactions. A typical rolling bearing model should contain rings, cage, rollers, rib,



lubrication effects and their corresponding interactions. There are many approaches in the
literature to determine the component interactions of the bearing models [1]. Especially,
Hertzian and EHD contact calculations are used to obtain the roller-raceway contact
forces. Although Hertzian contact model is used in many studies, it considers only solid-
solid contact interactions. Hertzian model calculations include geometric and material
parameters, and it neglects the lubrication effect on roller-raceway contact dynamics.
Hence, Hertzian contact model does not provide accurate results. EHD contact model
include both solid and fluid interactions, and it considers lubricant effect on roller-
raceway contact. Therefore EHD contact model ensures more realistic results than

Hertzian model.

The Hertzian or EHD contact models affect the bearings dynamic behavior, and models
may yield different results under various operation conditions (i.e. load, temperature,
velocity, lubricant viscosity etc.). The selection of operation conditions can have an
impact on the accuracy of the results and computation time. The parameters, which
change with respect to operational conditions such as load and velocity, can be named as
operational parameters, and operational parameters may affect the bearing dynamic

behaviour.

The detailed model simulations need more computation effort, and the modelling
structure has an important role on the computation effort. Creating a simple,
comprehensible and modular system can reduce the simulation time. Furthermore, the

model should be extendable, especially with the new technologies.

1.2. Objectives

The main objectives of the current study are listed below:

e Developing an open-source, extendable and modular cylindrical roller bearing
model as a basis to investigate the bearing dynamic behavior.

e Investigating the reliability of Hertz and EHD based bearing contact models in
predicting the bearing dynamics at the total system level.

One of the main objectives of this study is creating a new cylindrical roller bearing model.
A simple and extendable model does not only provide easy integration of different contact

models, but it also provides a base for future studies. A modular and clearly coded model



reduces the simulation time, computational effort and allows the model to be modified
and extended as needed.

Another goal of this work is to compare the available rolling bearing contact models and
investigate the accuracy and reliability of these models. For this purpose, contact forces,
which are already obtained using Hertzian and EHD approaches, are extended to the total
bearing model in a Multibody Simulation (MBS) environment. The Hertzian contact
relation is used to calculate solid-solid contact forces, and EHD approach is used to
calculate lubricated contact forces. The force calculations focus on normal forces, which
include spring and damper forces. The contact force relations, which are about solid-solid
and solid-oil stiffness and damping, concentrate the inner ring-roller and outer ring-roller
contact relation. Calculated contact forces are integrated in the bearing model. In this
regard, rigid and flexible shaft-bearing models are used to verify the bearing model. The
developed total bearing model is then applied to a test gearbox model. In order to study
the effect of the bearing model, the vibration transfer path of the system is examined in

time and frequency domain.
The technical objectives of this study can be expressed as follows.

e Creating a new bearing model

e Implementing Hertz and EHD based bearing models in MBS environment

¢ Investigating the impact of the operational parameters on Hertzian and EHD based
bearing models

e Analyzing the effect of different bearing modelling approaches on the entire

system dynamic behaviour.

1.3. Method

The current study aims to model a test roller bearing in MBS environment. For this
purpose, bearing contact force calculation model is provided by MSE Tribology
Department [2], and the model is used within the context of this study. Bearing contacts
are considered as Kelvin-Voigt spring-dampers, and extended to a total rolling bearing
model. The contact of roller bearing components and the lubrication fluid between the
components behave as a parallel spring-damper system. Damping forces occur due to the
velocity differences between the components and spring forces occur due to the
displacement differences between the components. Spring stiffness is defined as the force
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required to cause a unit deflection on the spring, and the relation between damping force
and velocity is named as damping constant. Hertzian and EHD contact properties are used
for stiffness and damping calculations. The line contact equation is used to obtain
Hertzian contact characteristics for cylindrical roller-raceway contacts. In addition to the
Hertzian contacts, Reynolds equations and CFD methods can also be employed to
conduct EHD contact calculations.

Simpack is MBS software, which provides opportunities for users to create their own
force calculations via subroutines. Subroutines are used for building subprograms in
FORTRAN programming languages. With the help of subroutines, a program can be
divided into small programs, thus the program can have a modular structure. The
subroutine that will be developed will then be integrated with the MBS tool to perform

time integration of the dynamic model.

The obtained roller bearing model will be analyzed in the MBS environment. At first,
rigid body simulations are conducted for shaft-bearing-housing system, and then, the
model is integrated into a flexible shaft-bearing-housing system. Finally, a flexible
gearbox model is examined using new bearing model. The systems are operated with
various operational conditions and the effects of the obtained model on the vibrations and
noise in the whole systems will be measured. The vibro-acoustic behaviour of a
mechanical system can mainly be determined by the systems natural frequencies and
mode shapes. Time domain simulations are also used to investigate the dynamic
behaviours of mechanical systems. The systems are analysed using Linear System
Analysis (LSA) and eigenvalue analysis in frequency domain. LSA estimates the excited
behaviour of the linearized system. With this approach, the response of the vibration
transfer path of the systems on bearing examined in frequency domain. While eigenvalues
represent the natural frequencies of a system, eigenvectors represents the system mode
shapes. Time integration, which is available in MBS software, is used to obtain the total
behaviour of the multibody system in time domain analysis. These methods are repeated
for various contact models (Hertzian and EHD), and the models are compared with each

other.

A test gearbox and test shaft-bearing-housing systems are used to validate simulation
results. In order to perform the flexible multibody simulations, Finite Element (FE)

models are created based on test benches. On the other hand, experimental modal analyses

4



are performed to extract mode shapes and frequency response of the test systems.
Campbell diagrams of the gearbox simulation model and test gearbox are considered to
examine entire system dynamic behaviour. Campbell diagram is 3 dimensional plot,
which shows the relationships between rotational speed, frequency and amplitude of the

vibration signal.

The modelling, simulation and validation processes of the thesis are shown in Figure 1.1.

Developinga New Bearing Model Multibody Simulation Analysis and Validation
Contact Force Calculations MBS Approaches Comparison of Simulation
Methods in This Study in This Study and Test Results

LSA and Mode Shapes
are obtained in MBS

i P

Shaft-Bearing-Housing Model

Hertzian contact model Bearing Level - eMBS

Comparison with
Experiment Results

Total J, e 0
T Structure o, 7

N =L 1 Fluid b

g H

Gearbox Model Bearing Testrig Gearbox Testrig

EHD contact model System Level - eMBS

Figure 1.1. Scheme of modelling approach using in this study

1.4. Used Tools

Various software, programming languages and tools are required to conduct the analysis

and to complete the modelling process.

MBS Software Simpack is employed to develop and apply a new cylindrical roller bearing
model. Simpack provides facilities to extend the Simpack Element Library with their own
modelling elements. The model creation process is conducted with FORTRAN
programming language, and the model is transferred Simpack via user routine as a User-
defined Force Element, in short user force. The simulations are performed, and results are

evaluated with Modal analysis, LSA and time integration via Simpack as well.

It is crucial that the system components are modelled as flexible bodies in order to analyse
the system vibration transfer path. For this reason, the flexible bodies such as shafts,
housings, gears and bearing rings are constituted with the Abaqus software. The model

reduction techniques are applied for transferring the system to Simpack.
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2. FUNDAMENTALS

This study aims to investigate the effects of bearing contact models on the dynamics of
mechanical systems. The bearing contact force calculations are related to bearing type,
geometry, kinematic, lubrication, stiffness and damping. N1014 and NU308 types of
cylindrical roller bearings are selected for the study. The simulations are conducted in

MBS environment and results are analyzed in time and frequency domains.

In this section, the fundamentals of the previous studies on the bearing modelling is
explained in some details. At first, the details of the cylindrical roller bearings with their
geometrical, kinematic and dynamic properties are examined. Then, some basic aspects

of multibody simulation as well as modal analysis is presented.

2.1. Cylindrical Roller Bearing

Roller bearings are required to overcome the speed difference between a rotating shaft
and its surrounding structure. The bearing components are rollers, outer ring, inner ring,
cage and rib. The bearings are grooved which allows both rings to roll. These grooves are
called raceways. Roller bearings are used with a lubricant to reduce the vibration and
friction. The surrounding structure of the roller bearing is called housing which provides
significant static support to the shafts. In practice, rolling bearings are one of the

excitation sources in rotating machines.

Cylindrical roller bearings have high radial and low axial load carrying capacities. They

are convenient for high speed applications due to their low friction-torque characteristics
[3].

2.1.1. Types of Cylindrical Roller Bearings

Cylindrical roller bearings are classified with respect to their ribs on their rings. NU and
N type bearings can move freely on the ribless rings in axial direction. They are known
as floating bearings. While NJ type bearings just support one directional axial load, NUP
types generally provide reversing axial forces. Moreover, the internal design of the

bearings can be changed to reach higher load carrying capacities [4].

Cylindrical roller bearings also classified with respect to their cage structures. Inner ring
guidance, outer ring guidance and roller guidance cages are three types of cylindrical
bearings [5]. For outer and inner ring guided cages, the cage is integrated with outer and

inner ring. While outer ring has a shoulder for outer ring guided cage, inner ring has a



shoulder for inner ring guided cage. These shoulders provide axial support for rollers. For
roller guided cage, the cage is placed between the rings with equal distance.

2.1.2. Bearing Geometry

The kinematics and dynamics of the bearings are related with the bearing geometry.
Therefore, the geometrical properties of the bearing have an important role in the bearing
simulations. Geometrical properties of cylindrical roller bearings are shown in Figure 2.1.
The elements of the bearing are placed on the center positions. The terms in Figure 2.1,
d;,d,, D;, Dy, D, L,dy,, Py are inner ring outer diameter (raceway), outer ring inner
diameter (raceway), inner ring inner diameter, outer ring outer diameter, roller diameter,

roller length, pitch diameter and diametral clearance, respectively.

P, /4 77777
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Figure 2.1. Cylindrical roller bearing geometry, adapted from [3]

Bearing pitch diameter is the mean of the inner and outer raceway diameter [3].
dm = (di +do)/2 1)
Most bearings have diametral clearance, which provides free rotation between roller and

raceway [3].
Py=dy, —d; —2D 2
2.1.3. Load Distribution on Bearing

When a bearing is operating under radial loads, a load distribution is formed as shown in
Figure 2.2. In the load zone, contact forces are much larger than the unloaded regions.
The load distribution of a bearing is determined with the geometries of the bearing parts.
Number of rolling elements and radial clearance have major roles, while the load zone

arises. Moreover, preloads have an influence of the load distribution as well.



Load
Zone

Figure 2.2. Load distribution on bearing under radial load

2.1.4. Roller Profile

Rollers are crowned along their length direction to avoid high pressure concentration on
their end faces. Roller geometries are determined with the relation between roller length
and roller diameter according to DIN 281-4 [6].

1

P(x;) = 0.00035D In 5 for L < 2.5D 3)
P(x;) = 0 for x| < =22 (4)
P(x;) = 0.0005D In ! for — [x;| > == (5)

P
2|xj|-(L-2.5D)
1"( L )

Figure 2.3 shows the roller profile, which includes cylindrical and logarithmic sections.
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Figure 2.3. Schematic of roller profile



Figure 2.4 shows the pressure distribution of rollers with different profiles.

Figure 2.4. Pressure distribution of rollers with applied loads a) straight b) logarithmic

c) crowned profiles from [1]

2.1.5. Bearing Kinematics

When bearings rotate at low speed, their behaviours are supposed to be kinematic. In such
cases, rollers could roll without slip on raceways, and friction effects can be ignored. This
phenomenon is known as kinematic action [3]. Figure 2.5 illustrates the kinematic

analysis of the bearing.

While both inner and outer rings can rotate, alpha is the contact angle between roller and

raceway. According to the Figure 2.5;

Vi = s Widm(1-7) (6)
Vo = %Wodm(l +7v) (7)
Vin = 5 (Vi + Vo) ®)
Nm =5 [0i(1 =) + 0o (1 +7)] 9)
ng =22 (1-y)(1+y)(n, — n)) (10)

D
where,y = 7 cosa.
m

\<a_‘l
£X

5

Figure 2.5. Velocities and speeds of cylindrical roller bearing, adapted from [3]



If outer ring remains stationary (i.e. n, = 0), then

N = 2ni(1 —) (11)
ng =21 —y)? (12)

When bearing rotates due to contact frictions, lubricant churning moment and the other

effects; rollers and cage have slippages [4]. The roller slip is determined by:

sg = R4 100% (13)

ngr

where, sg and ng, are roller slip and actual time varying velocity of roller, respectively.

The cage slip is determined as:

Sy = —Bmay100% (14)

Nm

where, s, is cage slip and n,,,, is actual time varying velocity of cage.

2.1.6. Bearing Contact Force Calculation

There are five main contact forces in the bearings, namely inner raceway-roller, outer
raceway-roller, roller-end surface, cage pocket- roller and roller-rib contact forces. The
current study is mainly focused on contact normal forces between rollers and raceways.
Bearing contact normal forces can be modelled by considering corresponding contact

stiffness and damping forces.
2.1.6.1 Contact Stiffness for Line Contact

Heinrich Hertz has proposed and explained the interaction between load and deflection
in point contact of elastic solids. In line contact case such as cylindrically shapes bodies,

his approach was used to evaluate maximum contact pressure and the semi width of the

b = 8(1-v?)Q (15)
\, mEZpL

contact [7].

2Q

Po = 3o (16)
1 1

Yp=gto (17)

where, b is semi-width of contact, v is poisson ratio, Q is normal load, E is modulus of
elasticity, p is reduced radius, L is contact length, p, is maximum contact angle and R ,

is radius of contact bodies.
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The convex-convex contact indicates the positive sign, while convex-concave contact

indicates the negative sign. However, there is no explicit expressions in these equations.

Many Researchers studied the relation between load and deflection in the literature.
Lundberg stated that the cylinders should have a specific profile to prevent stress
concentrations at the end surfaces [8]. Kowalsky examined the deformation of a two-
sided loaded cylinder with an elliptically distributed pressure [9]. Dinnik reached the
parabolic pressure distribution over the width of the contact [10]. Palmgren refered that
the roller diameter didn’t affect the deflection from his experiments [11]. Kunert
determined that there was no uniformly distributed pressure for line contact, and he
considered the improved roller profile [12]. Houpert created curve fits for inner and outer

raceway-roller contacts according to Tripp [13].

In order to obtain a more basic and less time-consuming load-deflection relationships,
Teutsch and Sauer utilized previous works. They improved classical slicing technique
and suggested a new method which is called an "Alternative Slicing Technique™ (AST)
[14]. The classical slicing technigue divides rolling elements into the slices and each slice
is considered independently. According to AST, however, the deformation of each slice
is calculated by superimposing of individual weighted loads acting on all slices. In other
words, slices are considered to be dependent on their deformation. As a result, AST also

takes roller kinematics such as tilting and skewing into account.
2.1.6.2 Contact Damping

Damping is an important part of the bearing dynamics [15]. There are many different
damping sources in rolling bearings. They can be summarized as [16],

1) Lubricant film damping on roller-raceway contacts,
2) Material hysteresis damping sources from deformation of the rolling bodies,
3) Damping originated from outer ring-housing or inner ring- shaft interaction.

The solid components of the bearing have very low damping with respect to oil damping.
Therefore, oil damping is supposed the main damping source on bearing. Squeeze film
effect due to approaching rolling bodies, oil shearing between the rolling elements and

raceways and cage-roller relations are possible damping mechanisms.

Lubricants are important to reduce friction and wear on conformal and non-conformal

surfaces, and they provide damping within the contact area. Rolling bearings have limited
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lubrication area and carry high loads in radial directions. Therefore, the contact surfaces
do not conform well to each other. Elastohydrodynamic lubrication (EHL) is a type of
fluid film lubrication that exist in non-conformal machine elements, such as bearings,
gears, cams and followers. When a bearing operates under radial load, the actions of the
regions differ due to traction in the load zone. Therefore, loaded and unloaded areas
behave differently. Furthermore, lubricant types and amounts (fully flooded, starved) are

decisive for contact characteristics [17].

The area of the rolling contact can be divided into three regions under EHL conditions.
EHL damping is dominant in inlet region. Due to increasing pressure in the middle zone,
Hertzian stiffness has major effect. Damping is negligible in exit region because of the
releasing pressure. Figure 2.6 and Figure 2.7 show the dynamic characteristics of rolller-

raceway EHL contacts.

EHD pressure

Hertzian pressure

Hertzian Contact exit

Uping
Figure 2.7. Damping and Stiffness in EHL from [5]
EHL problems are governing with Reynolds, rheology and elasticity equations [18]. One
way of the determining damping forces in EHL problems is Computational fluid dynamic
(CFD) approach. CFD solution is used the whole Navier-Stokes equations, which is given

in Equation 2.18 [19]. Navier-Stokes equations includes gravitational, pressure and
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viscous forces. It uses for Newtonian fluids. CFD considers both solid and lubricant

damping. It’s an iterative method, therefore it may cause time-consuming processes.

Du__ @ :

D—ltl = a_i + div(p grad u) + Sy (18)

Dv _ dp .

Dt = 3y + div(p grad v) + Syy (19)
p]]))—vtv = Z—: + div(p grad w) + Sy, (20)

where, p is density, p is dynamic viscosity; u, v and w are surface velocities for x, y and

z dimensions, repectively; Syy, Smy and Sy, are the momentum terms for three

dimensions (x,y,z).

Reynolds Equation uses to solve Navier-Stokes equation as well. Reynolds equations is
only applicable for Newtonian fluids and thin film lubrications. It’s valid for too high
contact length and thickness ratio (length/thickness >>1). There is no temperature
difference in contact direction. Pressure is constant in a straight line of the bearing radial

direction, as shown in Figure 2.8. Qil inertia is neglected.

Roller
. Rz
P1 = D2

Pz

Raceway
Figure 2.8. Pressure assumption in Reynolds Equation

Reynolds equation is a non-linear differential equation, so that the analytical solution is
just possible under some assumptions [20]. An analytic solution for Reynolds equation

and assumptions are given below.
1. Side leakages from the contact is ignored.

2. The clearance for contact partners is defined with the parabolic curve given by
[20].

3. Minimum oil film thickness is larger than the surface roughness.
4. Inertia forces are smaller than the viscous forces.

5. Gravitational effects are ignored.

6. Viscosity assumed constant.

7. Cavitation does not cause any negative pressure.
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By means of these assumptions, Reynolds equation is integrable and the force by entry

zone is:

__ 2nURL | 3 mVnRSL
- hO \/E h01.5

where, 1 is oil viscosity, U is rolling speed, L is length of the contact ellipse, R is the

P, (21)

conformance, h, is central film thickness and V is approaching velocity. The right hand-
side of the equation 2.19 has a velocity dependent term. The viscous damping coefficient

is considered as,

3 mVnRSL
V2 hott

In addition to the above approaches for damping calculations, Dietl has developed an

fe = (22)

empirical equation to evaluate EHD damping formula [15]. Dgyp is a velocity dependent
term and it is multiplying with radial approaching velocity between roller and raceway

for damping force calculations.

- Kry KL/ Kn Ka Kq. Ky oK
Deup = 107°KoRy LegE¥En " apy? qptug f, * (23)
where, Ry is reduced radius, qp, is load per slice, n, is viscosity under air, Lq is contact
length, E' is reduced elastic modulus, f. is inlet zone length factor, us is sum of surface

velocity, and ay, is pressure viscosity coefficient. The coefficients are given in Table 2.1.

Table 2.1. Damping calculation coefficients

K0 KR KL KE KT] Ka Kq Ku Kf

0.1963 0.781 | 0.769 | 1.069 | 0.531 | 0.424 | -0.136 | -0.434 | -0.563

Kg~0-04m0.00650.0115 N/A N/A N/A N/A N/A N/A N/A N/A

2.2. Multibody Simulation

The main objective of the Multibody simulation (MBS) is to produce a realistic dynamic
model of a real system. However, there is a trade-off between model complexity and
applicability. As the degree of freedom (DoF) of the model and the number of parameters
decreases, the effort in evaluating the results decreases.

A multibody system consists of body elements, constraints and interlinking elements. The
components of the system represent physical inertia, elasticity and damping. Rigid bodies
consist of mass or inertia in a rigid system. Their masses are assumed to be concentrated

on the center of gravity. The spatial position and orientation of the system are stated by a
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set of coordinates (Cardan, Euler etc.). The movements of different rigid systems are
identified by constraint elements. Constraint elements cause reaction forces when they
connect two bodies. Constraints are divided into two groups as time and position
dependent elements. Interlinking elements create active forces which depends on the
mass, position and orientation of the system. Spring, damper and friction elements are
examples of this kind of components [21].

Figure 2.9 shows a multibody system, which includes rigid bodies, constraints and

interlinking elements.

To study the motion behaviour, a mathematical model of the system should be derived.
The Equation of Motion (EOM) of the system defines the motion of the system. The time
dependent equation of a multibody system is defined by [21].

M()x(t) + P(D)x(t) + Q()x(t) = h(t) (24)
where, X(t), M(t), P(t), Q(t) and h(t) are position vector, inertia matrix, velocity dependent

forces, position dependent forces and excitation vector, respectively.

frame joint spring

Z

center of gravity CG 7| —

rigid body i

spring
damper
combination

rigid body j

spring
damper
combination
rigid body k

Figure 2.9. A multibody system from [21]

2.2.1. Flexible Body Application in MBS

The MBS approach mainly focuses on rigid body dynamics. However, the rigid body
approach may not be efficient to analyse structural systems. Finite element approach is a
modelling method which takes the dynamic behaviour of flexible bodies into
consideration. The combination of Finite Element Method (FEM) and MBS approaches
provide a more realistic description of complex mechanical systems [23]. Figure 2.10

shows a flexible multibody system.
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Force elements, constraints and joints creates connecting points (interfaces) between
flexible bodies and the other components of the multibody systems. Application of force
on these elements cause deformations. Mode shapes indicate the local deformations at

connection points, and they represent the eigenmodes of the system [23].

translation £

i.e. inertia system

Figure 2.10. A Flexible multibody system (steam engine) from [23]
Rigid bodies are represented by a point placed on their center of gravities while flexible
bodies consist of many points which depend on the modelling and analysis requirements.

The position of a point of the flexible body is expressed by as [23]:

r(c,t) = A(t+c+u(ct) (25)
where, u is the deformation vector that depends on the location and the time, c is rigid
body position according to body reference frame, t is the translation vector, and A is the

transformation matrix [23].

Constraint modes consider static deformations, when the body attaches the connection
elements at nodes [24]. The constraint modes are obtained for every retained DoF from
finite element software. Constraint normal modes are used in high frequency range, in
order to examine the natural vibrations of a body when all the connection degrees of
freedoms are fixed.

The linear combinations of the constraint and normal constraint modes ensure the final
deformation of the integrated elastic elements [23]. The retained degrees of freedom and
generalized coordinates of the constraint modes are the coordinates of the integrated

element.

Craig Bampton’s method is often used to consider elastic bodies in multi-body systems
in the previous studies. The method which reduces the size of the flexible model,
integrates FEM into the MBS model [25]. The method converts the finite element model

into small matrices, which contains the information about mass, stiffness and mode
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shapes. The mode shapes are represented in modal or generalized coordinates together
with the physical coordinates at the connecting nodes. Although the significant number
of nodes of the elastic body is reduced, the reduction still enables an appropriate

approximation of the natural frequencies.

Reduction of system DoFs are conducted by,

Frea = Mredaqe + Credade (26)
where M,.q, Creq and q. are reduced mass and stiffness matrix and selected DoFs

respectively [26].
The reduced finite element models can be expressed with the equation given by [23]:

Msglsg + Dsglsg + KsgUse = Psk (27)
where, Mg is the mass matrix, Dgg is the damping matrix, Kgg is the stiffness matrix,

psg IS the load vector and ugg is the deformation vector.

2.2.2. Bearing Modelling in MBS

A rigid multibody system can be defined with bodies and interactions. Bodies are
presented by masses, moment of inertias and their body fixed reference frames (BFRF).
Force elements, joints and connections are massless modelling elements that provide
interaction between model components. Force elements establish applied force and/or
torque into the model; joints determine the mechanical degrees of freedom, and
connections create kinematic links. Moreover, constraints are used to create additional
boundary conditions between two parts. While they perform their duty, they introduce
constraint forces and torques in the model. Markers build connection interfaces for
different bodies.

Simpack is MBS software, which provides chance to model and analyse mechanical
systems in simulation environment. In Simpack, bearings are modelled as force elements.
An input is delivered to bearing inner ring and this output is transmitted to housing
through bearing. The difference between the input and the output is determined by the
bearing dynamics. In MBS, three different approaches can be used to model bearings.

One of the methods of the bearing modelling in MBS is using pre-calculated stiffness and
synthetics damping parameters (namely characteristic models). In Simpack, the two force
elements, such as bushing element and spring-damper element, can be used to obtain

radial contact forces between rollers and raceways. While bushing elements apply forces
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and torques in x, y, z directions, spring elements apply only forces in x, y, z directions, as
outputs. The bushing and spring elements use constant stiffness and damping values as
parameter. If only one bushing or spring element is applied between inner and outer ring,
the model may not be realistic enough, since the contact forces between each roller and
raceway are not considered. This kind of models do not include any EHD calculations
and mainly have constant parameters for stiffness and damping forces. Therefore, they

can’t reflect the non-linear properties of the bearings.

Some of MBS software have inherent bearing models are called benchmark models. For
instance, Simpack has its own bearing model, which is called Rolling Bearing. Rolling
Bearing uses bearing geometrical properties. It uses bearing components, and the contact
forces are determined with Hertzian calculations. EHD contact relations neglected in the

model [23]. The benchmark models also contain synthetics damping parameters.

The third approach of the bearing modelling in literature is based on user-defined
elements, namely, subroutines. Some of the MBS software provides opportunities for
users to create their own calculations. Due to its complex structure, the bearing itself is
considered as a multi-body system. While rings, rollers and cage are created as bodies,
contact forces are determined with force elements. In the literature, various bearing
models are developed for MBS software. Fritz [27], Teutsch [1] and Qian [5] have
developed their own models. All of the models are generated using bearing components,
and they have detailed bearing force calculations. These models also have employed
Hertzian approach for contact stiffness calculation and EHL approach for contact
damping and friction calculations. However, the effect of the EHD contact on stiffness

calculations are neglected.

Multibody simulation results can be analysed in frequency domain. The modal analysis
and linear system analysis are useful tools for frequency analysis in Simpack. The modal

analysis fundemantals are explained in Section 2.3.

2.3. Modal Analysis
2.3.1. Numerical Approach

In vibration analysis, mechanical systems can be classified using three different
mathematical models. One of these models, known as "spatial model™, is made up from
the spatial properties of the system. The model includes mass, stiffness and damping

properties as matrix forms, and it can be represented by equation [2.22] [28].
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Another model is derived from free vibration analysis using Equation [2.22] (h(t) = 0),
and called "modal model”. With the analysis, N natural frequencies and N damping values
are obtained, and these terms are associated with mode shape vectors of the system. Each
specific natural frequency and damping value corresponds to a mode shape. The solution
of the modal model includes two matrices, [A%], [®]. These two matrices are referred to
as modal properties (eigenvalues) and eigenvectors. The matrix [A?] is a diagonal matrix
and one diagonal element of the matrix contains natural frequency and the damping factor
for the related normal mode of vibration. The corresponding column of the matrix [®]

represents the shape of the same mode of vibration [28].

The third model is obtained from forced vibration analysis, and known as "response
model”. When an excitation force is applied to a mechanical system, the solution of
equation of the motion can be described by a single matrix, which is called "The
Frequency Response Matrix" [H(w)]. Although the first two models have constant
parameters as elements of the matrices, the elements of frequency response matrix is
frequency dependent, and each of these elements is a Frequency Response Function
(FRF). For each of the FRF, the elements of frequency response matrix is written by [28]:

X; A;
Hy(w) = £ = Tl 5 (28)

= X1
The first term on the right-hand side of the equation [2.26] is written by spatial properties.
While X; represents the vibration response of the it DoF, an excitation force is applied
on the other DoF k. The latter expressions on the right-hand side shows the FRF with
modal properties. In the expression, A is the eigenvalues of r*™ mode, rAjy Is constructed
from r® eigenvector, and is called the modal constant and N is the number of DoF. The
second expressions give a direct relation between modal properties of a system and its

response behaviour.

2.3.2. Linear System Analysis

Mechanical systems are represented in simulation environments via their mathematical
models. The detailed and realistic descriptions of mathematical models are generally non-
linear, and valid for large motions. In dealing with mathematical models, they are mainly
represented by differential equations, which can be linearized to less complex and first
order equations. A linearized model is only valid for infinitesimal neighbourhood of the

reference motion.
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In order to integrate the linearized EOM in MBS environment for numerical calculations,
mathematical model is inverted in state space form. State Space Matrix (SSM) form
represents the system dynamic behaviour, and by means of SSM 2™ order differential
equation model (EOM) is converted to 1 order model. The SSM form of linearized

system EOM in time domain shown below:

x(t) = Ax(t) + Bu(t) (29)
y(t) = Cx(t) + Du(t) (30)
where; x is the state vector, A is the system matrix, B is the input matrix, t is the model
time, u is input vector, C is the output matrix, D is the feedforward matrix and y is the
output vector. While matrix A includes system dynamic parameters, it provides the eigen-
characteristics of the system. The state vector x includes information about positions and

velocities of independent states, and y contains set of quantities to be measured [23].

The SSM is transferred to frequency domain in order to obtain the FRF of the system.

The frequency domain representation of SSM is given by:

jwix(jw) = Ax(jw) + Bu(jw) (31)
y(Gw) = Cx(jw) + Du(jw) (32)
where I is the identity matrix. When the above equations are solved by y as a function of

u,

y(@) = [CGwl —A)"B + D] = H(jw)il (33)
the single transfer functions of the systems are

Hio (jwe) = 2292 (34)

u(jwy)
In Simpack, the above equation separates magnitude, phase and output for each discrete
frequency k using LSA [23].

2.3.3. Experimental Approach

The main objective of the experimental modal analysis is to obtain the modal parameters
of a structure experimentally. At the beginning of the experimental modal testing, a series
of FRFs are measured and then the modal parameters are extracted during the post
process. Specific modal parameters, which are the eigenfrequency (w,), modal damping
() and the modal constant (rA;y), can be estimated from a single FRF [29]. A series of

FRFs can be measured by either varying the excitation or sensing position.
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Free support is used to determine the eigenmodes in free conditions. Free condition means
that the test object is not connected to any points of the ground. In practice, a very soft
spring, such as light elastic band, is used to provide free conditions. Rigid body modes,
mass and inertia properties are generally obtained by free supports. There are various
options for the excitation forces. Excitation forces can be continuous (sinusoidal, random)
or transient (impulse) [28]. For transient excitation, the structure can be excited in wide
frequency range by a hammer, and the force at the hammer is measured. Although
reproduce ability is a problem of the hammer test, flexibility and ease of use are the

advantages of hammer test.

Test signals are digitalized by using measured signal in sampling process. If the sampling
rate is too small, the existence of the high frequency signals may be overlooked, and this
situation is called aliasing. A digital signal processing method, which is called Shannon‘s
Theorem, is used to obtain suitable sampling frequency of a signal. According to
Shannon‘s Theorem, sampling frequency should be more than two times of the maximum
frequency of the signal. Figure 2.11 shows the relation between the Shannon’s theorem

and aliasing [30].
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Figure 2.11. Aliasing and Shannon's Theorem, adapted from [30]
In practice, for one input of the Frequency response matrix, more than one frequency
response functions are measured and an average value is calculated to get rid of the
external effects. Coherence is a quantity between 0 and 1, and it is used to compare the
FRFs. When the coherence is 1, the excitation can be computed exactly and when
coherence is 0, the signal is completely noisy. The coherence is determined by Equation
[2.33]. The details can be found in [31].

2 _ |Gxp(W)| 2 (35)

"~ Gxx(W)Gpp(w)

For obtaining relation between analytical and experimental FRFs, curve fitting processes
are performed. In the literature, there exist a large number of curve fitting methods. The
details of the methods can be examined in [28]. One of these methods, Rational Fraction
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Polynomial Method (RFP), is explained here. RFP is a multi-DoF modal analysis
approach, and it can create a curve fit for the corresponding eigenmodes. RFP is called
the global RFP when more than one FRPs are analysed. The analytical FRF can be
obtained by [29].

A
Hw) = YN L
(w) r=1 (w2 -w2+2iww.)

(36)

where, A, is the modal constant, w, the eigenfrequency and ¢, is the modal damping.

Equation [2.34] can be written as a polynomial using polynomial coefficients,

(b0+b1(iW)+b2(iW)2+"‘+b2N_1(iW)2N_1)
(ao+al(iw)+az(iw)2+"'+32N(iW)2N)

H(w) = (37)

2.4. Case Study on Bearing Contact Dynamics

Up to this section, the fundamentals of the bearing dynamics, MBS and the modal analysis
are presented. In this part of the study, a rigid shaft bearing system is used to examine the
basic differences of the various bearing contact models. For this aim, a bearing model is
built in Simpack environment, and three contact models (Hertz, CFD and Reynolds) are

implemented.

In this section, the model building process of a cylindrical roller bearing is explained.
N1014 type bearing is selected, and the geometric and material properties of the bearing
is presented in Table 2.2.

The bearing is modelled as a multibody system. For this purpose, inner ring, outer ring
and rollers are created separately. There is no cage geometry in the model since the cage
and the other bearing components contacts are out of interest. Instead of creating
geometry, one center and 24 pocket markers are created to represent rigid cage. Pocket
markers are related with rollers, and each roller is matched with one pocket marker.
Pocket markers placed on the pitch circle with equal distance. At the beginning of the
simulations inner ring, outer ring and cage center markers are on the same point, which

is called bearing center.

Table 2.2. Properties of N1014 Cylindrical Roller Bearing
| Cylindrical Roller Bearing N1014 \

Bore Diameter 70 mm
Inner Raceway Diameter 82 mm
Outer Raceway Diameter 100 mm
Bearing Outer Diameter 110 mm

Thickness 20 mm
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Roller Diameter 9 mm

Roller Length 9 mm
Diametral Clearence 0mm
Number of Rolling Elements 24
Material Steel
Density 7850 kg/m3
Young Modulus 210000 MPa
Poisson Ratio 0.3

This study focuses on the radial forces. Therefore, all the other contact forces are not
considered here. DoFs of the parts are determined accordingly. Cylindrical roller bearings
have low axial load carrying capacities, hence translational movements along x direction
is prevented for all parts. While inner ring has 3 rotational DoF and 2 translational DoFs,
outer ring can only translate 2 directions (rotational DoFs neglected). The cage can only
rotate about x-axis of the bearing center. Cage rotation about x axis is independent from
inner ring rotations, and other DoFs are prevented. Rollers and cage pocket markers are
connected, and they can rotate with cage center. Rollers have a translational DoF with
respect to cage pockets on their y-axis (radial directions). The created bearing model on

Simpack is shown in Figure 2.12.

Figure 2.12. N1014 bearing model in Simpack
Two types of force elements are built for modelling of the bearing contact forces. Force
Element Rolling Bearing (FE88), as the state-of-the-art model, is used to validate
developed models. Bushing elements are used to form contact interactions between
rollers/inner ring and rollers/outer ring. Bushing elements have stiffness and damping
values for all the translational and rotational DOFs. Only translational y direction
components of stiffness and damping are considered for radial force calculations. The
elements are created for each contact region. Thus, the bearing model includes 48 force

elements for contacts.

Bearing contact force interactions are formed using three different methods. One of these

methods is Hertz contact model. Hertz contact stiffness calculation is presented in
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Equation [2.36] and [2.37] [3]. It is worth mentioning that there is no damping term in
Hertz calculations.

10—5Q0.9
108

8§ =3.84x (38)
F =Kké (39)
FEM is another technique to calculate Hertzian contact stiffness. In this study, contact

stiffness is calculated using Abaqus.

Reynolds and CFD models are obtained by MSE Tribology Department [2].Reynolds
equation is conducted according to assumptions in chapter 2.1.7.2. CFD results are
calculated numerically using software Open Foam [2]. Both solid and fluid contact
properties are taken into account for calculation. The middle region of the contact zone
are used to obtain stiffness and damping values. The simulations are performed for each
node of the fluid and solid. The working flow of the CFD simulations are given in Figure
2.13. While a pressure map is using the fluid—solid interactions, Abaqus co-simulations

are performed for Solid Finite Element (FE) calculations.

Fluid- Solid b | Solid
interaction Yy FE

Figure 2.13. The work flow of the CFD simulations

Fluid

To obtain stiffness and damping parameters of the CFD model, the operational conditions

of the case are selected as in Table 2.3.

Table 2.3. Obtained CFD Models Operational Conditions

Slice width(mm) Force (N) Velocity (m/s) Temperature (°C)
0.45 40 3 40

CFD Simulations are performing for a roller and a ring. The roller divided 20 slices and
1 slice has 0.45 mm length. The force calculations are conducting for a slice to avoid high
computation efforts. Static force (40 N) is applied and the slice and bearing has 3 m/s
velocity, which called cage linear velocity in literature. Bearing temperature (40°C) is
assumed constant. The obtained parameters are given in Table 2.4,
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Table 2.4. Bearing Contact Parameters for Various Contact Models

Calculation Method Stiffness (N/m) Damping (Ns/m)
CFD 1.8x107 15
Reynolds 1.49x107 24
Hertz 2.1x107 -

A shaft bearing model is developed to perform rigid body simulations. The model
contains a shaft and a bearing, which is modelled previously. The bearing is placed in the
center of the shaft. The translation in axial direction is prevented for all components. Inner
ring and shaft are connected to each other with a zero DoF joint. They can translate and
rotate together on 5 DoFs. A housing marker is created, and it is fixed to the ground.
Outer ring has 2 translational DoFs (y and z), and it is connected to housing marker with
a force element. 40 N preload applied between inner and outer rings. Figure 2.14 and
Figure 2.15 show, the system in MBS environment and element interactions of the shaft-

bearing system, respectively.

Sensor locationS1

1

| Excitation Force E1 ‘

Figure 2.14. Rigid shaft bearing system
A constant force 60 N is applied in radial direction (y) on the shaft BRF. A sensor is
created to obtain the acceleration difference between housing and outer ring BRFs. This
system is built for Hertz, FE88, CFD and Reynolds models.

The results are analysed using Linear System Analysis via Simpack. LSA determines
transfer functions of the linearized MBS model, and responses of the system represented
in frequency domain. LSA also uses state-space matrices formulation of the equations of
motion, therefore the non-linearities of the system isn’t considered. Hertz, FE8S,
Reynolds and CFD contact models are applied to system separately and LSA results of
the systems are compared each other.
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Figure 2.15. Shaft and bearing interaction in 2D representation

Sensor

Single bearing simulation results are presented in Figure 2.16. According to results in
Figure 2.16, two resonant peaks are observed for each model. Resonances represent same
modes of simulation model. The first peak belongs to the shaft radial translational
movement (on y-z plane), and the second peak represents the outer ring translational
movement (on y-z plane). Simpack intrinsic model Rolling Bearing and discrete data
Hertzian model have almost the same dynamic behaviours for both modes. The
magnitudes and eigenfrequencies are quite similar. Both two model uses Hertzian contact
approach, and the results show the modelling approach is supposed to be valid. Figure

2.17 shows a zoomed plot around the first peak in Figure 2.16.
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-
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—Simpack Model: 88Rolling Bearing
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Figure 2.16. LSA Comparison of discrete data models w.r.t. Excitation E1 and Sensor
S1
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According to Figure 2.17, Hertzian contact model and Roller Bearing model matches
well, and their eigenvalues are the same. Since CFD model has higher stiffness with
respect to Reynolds model, the first resonant peak is observed larger frequency. Hertzian
model has largest eigenvalue due to highest stiffness. While Hertzian and Rolling bearing
models have no damping, CFD and Reynolds models have damping parameters.
Therefore, EHD based models have smaller magnitudes than Hertzian based models.

10? —Simpack Model: 88Rolling Bearing||

—Descrete Data: Hertzian Model
Descrete Data: CFD Model

—Descrete Data: Reynolds Model

Magnitude [a/F]
8@

1071

300 350 400 450 500 550 600 650
Frequency [Hz]

Figure 2.17. Zoomed version of Figure 2.16
The case study shows, bearing contact modelling approach has an impact on shaft bearing
model transfer function. For more detailed investigation, EHD and Hertzian based
continues bearing models are developed using Simpack subroutines. To investigate the
effect of bearing model on mechanical systems, flexible shaft-bearing system models and
a flexible gearbox model are built, and eMBS analyses conducting using these models in

following chapters.
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3. DYNAMIC MODELLING OF CYLINDRICAL ROLLER
BEARING

The fundamental of bearing dynamics, MBS and model analysis are explained in Chapter
2. The case study presented in the previous chapter shows how the contact modellig

method may change the total bearing transfer path.

The detailed bearing models provide more realistic results, and the effects of the models
can be examined in details. There are translational and tangential forces and moments

between bearing elements, which are shown in Figure 3.1. Roller-raceway, cage-roller,

roller-edge (in axial direction and roller-rib contact forces are contact forces in a rolling

Forces and Moments Acting on Bearing

bearing [32].

Roller / Rings and Roller/Cage
Interactions

COuter Ring
Cage

Roller-edge / Ring-edge (Rib)
Interaction
. =

Figure 3.1: Forces and moments inside a bearing

B e

o
Inner Ring

In the current study, only radial forces are considered, as other forces and interactions are
considered as out of scope. A new bearing contact force model is developed using MBS
software Simpack. At first, Hertzian contact force calculation approach is used as a basis
model, and the model is then extended to a CFD-based EHD contact model. The work

flow of the developed model is shown Figure 3.2.

The developed dynamic model starts by calculating the roller profile. Then contact
detection algorithm is conducted. The algorithm uses similar approach as in [27] to avoid
time-consuming calculations. The contact detection is determined using four different
aspects. Radial displacement, tilting, roller profile and radial clearance are taken into
account. In contact detection process rollers are divided into slices and slice forces are
calculated accordingly. The tilting angle is obtained directly using Simpack Access
Function. Access Functions provide chance to transfer information between Simpack and

subroutine for each time step. The information can be velocity, position, angle,
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acceleration, force, torque etc. The model performs contact stiffness calculations using
load-deflection relationships. The load distribution of the bearing is considered for

stiffness and damping calculations.

. 2
. 4
. 4

. 4

Figure 3.2. The developed model flow chart for contact force calculations
The new model is developed as an open-source program. It has a modular structure and
every step of the model flow has its own substructure. The subprograms are formed for
this aim. The model avoids hard-coding and can decrease computation time. Simpack is

used to build the new model, and details are presented in this chapter.

3.1. Model Development in Simpack

Simpack gives an opportunity for its users to create their user-defined-force-elements, in
short User-Force (UF). Force elements are massless modelling parts that provide
interaction between system components. They establish applied force and/or torque in the
model. User routines of Simpack is operated by users, in order to develop a user-defined
force elements. FORTRAN programming language is used in subroutines [23]. In this
study a new user-force is developed to calculate the roller-raceway contact forces. Two
contact force calculation models are developed in the study. The first model, which is,
namely Hertzian model, uses Hertzian contact calculations and it is created as a basis for
EHD contact calculation model, namely EHD model. Hertzian model is created in order
to validate modelling approach, and Simpack Model 88 Rolling Bearing is selected as a

reference of Hertzian model. However, thanks to its modular and open-source structure,

29



it is changed to other contact calculation model obtained from EHD calculations. Figure
3.3 shows the flow chart of developed model.

| |

il =R

Inputs )
Geometry, material properties, Contact Detection
lubricant properties, etc.. Tilting angle, roller slices, roller
profile

Variables
Positions, orientations,
velocities, displacements and
rotational speeds of parts

Force & Moments
Normal force, friction force and
moments

p
New position & orientaiton UForce
of rollers, rings and cage K j

. 4

4

Figure 3.3. System flow chart for User-Force
In the beginning of the calculation process the user defined parameters are taken from
created Simpack user interface. The positions and orientations of rollers, rings and cage
are read from Simpack using body fixed reference frames (BFRFs), synchronously.
Simpack Access Functions provide direct connection to model parameters from MBS
model [23]. From position and orientation information; translational velocities, rotational
speeds and displacements are obtained as well. Then, the contact force calculations are
conducted with mathematical expressions within the subroutine. Finally, obtained force
information are transferred back to Simpack for time integration. These calculations are
repeated for every time step separately. The details of the modelling process is explained

in following parts of the chapter.

3.2. Modelling of Bearing Kinematics
3.2.1. Position and Orientation of Rings

Inner and outer rings are assumed as rigid bodies therefore the inertia and position of
these bodies are used in equation of motion of the system. Bodies have body fixed
reference frames on their geometric center in Simpack. The positions and velocities of
the rings can be obtained from body fixed reference frames [BFRF]. The contact forces

between rings and rollers source from the deformation of the components, and it is
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determined by a new force element. The acquired three-dimensional forces and moments
are placed on the BFRFs [23].

Inner ring position and orientation is defined with respect to outer ring coordinates. The
distance between the rings are obtained from Simpack as matrix (s), and the orientation
of the inner ring according to outer ring is read using Euler angles. Inertia effects of the
bearing parts are ignored, since bearing is assumed to move at low speed [27]. Figure 3.4

shows positions and orientations of the rings.

It is assumed that y and z axes are used for radial directions and x is used for axial
direction. The displacement and force calculations are governed with cylindrical
coordinates (Syqa, Sax» ®s), Which can be defined as three dimensional coordinates. The

axial (s4,) and radial displacements (s,.4) are given by [27]:

Sax = Sx (40)

Srad = ’s}z, + s2 (41)

The load direction () is calculated by:
b5 = arctan(z—z) (42)
y
The coordinates sy, s, s, are obtained by Simpack Access Functions.

According to Euler sequence, the system rotates with the order of z axis, x axis and new
x axis. The angles are referred by y(z axis), 9(x axis) and @(new z axis). The results of

Euler sequence given by [23]:

ALV, 9,9) = AL WAL (3)AY, (¢) (43)

cPcp —sPcIdsp —cPs@ —sPcice  sPsI
A%—O‘_Y) P, 9,9) = |sbce + cPcIsep  —sPs@ + cPcdce  —cPsd|  (44)
sUs@ s9ce cd

The tilting angle (8) is obtained by the angle of x; and x,, (in Figure 3.4) via direction

cosines [27]:

0 = arccos[cosycos — sinicosIsing] (45)
where s, 9 and ¢ are Euler angles.
In addition to the tilting of the two directions (around y and z axis), there still exists a

third direction of rotation which is the rotation of inner ring around the bearing axial

direction. The angle ¢y is a result of the rotation of the inner ring about the x, axis of
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outer ring. For small tilting angles Euler angles can be used to calculate ¢g.The angle is

determined by the angle of y; and y,, (in Figure 3.4) via direction cosines [27]:

¢r = arccos[—sinysing + cosycosdcosy] (46)

Inner Ring

Quter Ring

a) Displacement b) Tilting
Figure 3.4. Coordinates of inner ring displayed in user routine, adapted from [27]

3.2.2. Position and Orientation of Rolling Elements

The position and orientation of the individual rolling elements can be determined from
the position and orientation of the rings. The position of a rolling element in
circumferential direction is determined by rolling movement on the rings. Under uniform
load and steady state operation conditions, rolling elements slip on raceway can be
ignored. The elasticity of the cage is negligible for the circumferential position of the
rollers, thus the movements of rollers in cage are not considered in model. With these
assumptions the circumferential movements of rollers and cage are supposed to be
kinematic [33].

Outer ring is assumed to be stationary and its BFRF is assumed by the reference system.

According to Figure 3.5, cage position in circumferential direction is found by [27]:

Beage = 3 Pir(1—¥) (47)
The operating pressure, a, differs slightly from the nominal angle («,), therefore the
nominal pressure angle can be used for calculation of the shaft angle. In roller bearings,
rolling elements are equally distributed by circumferential direction, by means of cage.

The i™® rolling elements position in y-z plane can be found by Equation [3.9].

1 D 2Ti
d; = 5¢1R (1 — acosao) + % (48)
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where, z is the number of rolling elements.

.
i
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Figure 3.5. Rolling elements movements in circumferential direction, adapted from [27]
In order to calculate the deflection of contact partners (rolling elements and raceways),
rollers are assumed to be located in the centre of the inner and outer raceways. Thus, the
radial deflection is regarded as purely geometrical and calculated by geometrical
relations. Figure 3.6 shows a possible position of rollers under radial load. According to
Figure 3.6, the deflection can be determined from the angle of the rolling element in

circumferential direction and the displacement of the rings [27].

q)rad,i =¢; — b (49)

The displacements of each rolling elements are determined by:

Srad,i = Sradcos(q)rad,i) (50)
The pitch diameter of bearing is assumed to be retained, and rolling elements are in
contact both inner and outer raceways. Therefore, half of the movement of a roller is

used as deflection for a roller-raceway contact [27].

Figure 3.6. Possible roller positions for a radially loaded bearing, adapted from [27]
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3.3. Bearing Contact Stiffness Calculation
3.3.1. Applied Load Bearing

The theory of the bearing contact stiffness calculation is explained in chapter 2.1.6.
Lundberg equation [8] is chosen in order to model cylindrical roller bearing contact
stiffness. The load distribution on a roller is determined using experimentally obtained
spring equation [34].

Q = c, 51 (51)

c, = 35948L8/° (52)
Equation 3.12 is used to calculate the acting load (N) on the rolling element due to
deflection (mm) for line contact. In above equations, cL is supposed to be a stiffness

parameter (N /mm*°/°) and L is the length of the rolling element (mm).

To describe the elastic behavior of a tilted rolling element on a cylindrical raceway,
rolling elements are divided into slices along the length direction, and every slice are
evaluated separately [6]. Figure 3.7 shows the sliced cylindrical roller geometry.

Tk
-
1

LLELEL

a1 qj qk

Figure 3.7. Roller geometry with slices
Up to now, one rolling element is considered for load- deflection relationship. The
equilibrium forces of the bearing are determined iteratively by computer. The equilibrium
conditions for the external forces and moments acting on the ring and the reaction forces

of the rolling elements are calculated using Equation 3.14 and 3.15 [34]:
1
F - % j=1 [COS(‘P]') k=1 qu'kl =0 (53)

1
Mz - %Z?:l lcos(q)j) ZZ:I xksjq,kl =0 (54)
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In above equations, E. is radial force (N), M, is the moment load on bearing (Nmm), z is
the number of rolling elements, n is the number of slices on rolling elements, ¢; is the
angular positions of each roller in radial direction (degree) and g = 9/10. While Equation
3.14 provides sum of the all forces on bearing, Equation 3.15 gives total moment on

bearing.
3.3.2. Contact Detection

The position and orientation of the roller and rings are already described in section 3.2. It
is supposed that the rolling element is located in the middle between two rings, and the
tilting angle is assumed as half of the calculated tilting angle. Using these assumptions

the radial penetration is found by [27]:
__ Srad,i . 0 0 P
& = == +§sin (E) — gjcos (E) - Td for§; >0 (55)
where §;is the distance of each slice to roller mid-plane.

The radial displacement (s,q,), the tilting angle (6), roller profile (c;), radial internal

clearance (P4) and for each slice is shown in Figure 3.8.

A
| Srad
=

a) Radial displacement b) Tilting

c) Roller Profile d) Radial Clearence
Figure 3.8. Radial Penetration, from [27]
3.4. EHD Bearing Model

The current study focuses on the effect of the different contact force calculation methods
on bearing dynamic behaviour. For this reason, two different methods, namely as Hertz
and EHD, are considered. Hertz focuses on solid-solid contact interactions, and it is

mostly used in contact force calculations in literature. EHD considers fluid-solid
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interactions into account, and it includes operational effects, such as velocity, temperature
etc. In this chapter, a new rolling bearing model is developed using Hertzian-based model,
and the model is considered as a basis for the EHD-based model. CFD approach is used
as a calculation method of EHD model. Since CFD simulations need high computation
time, they are not feasible to use in the time integration in the MBS. Therefore, pre-
calculated stiffness and damping models are used in the devoloped model. MSE
Tribology Department performed CFD simulations and provided the pre-calculated
models.[2].The model development process is explained in Section 2.5. NU308 bearing
is selected as bearing, and its properties are used to develop CFD model. Both solid and
fluid contact properties are considered. Since in the CFD one contact is considered, the
same stiffness and damping characteristics are used for roller/inner ring and roller/outer

ring calculations. Figure 3.9 shows EHD contact modelling approach.

EHD contact model

Total =l
T]__ =5 Structure

=7 Fluid

Figure 3.9. EHD Contact Modelling Approach
Open-Foam software is used to conduct CFD calculations. To avoid high computation
effort, roller divided into slices. At first one slice-raceway contact is taken into account,
and one-slice raceway contact stiffness and damping parameters are calculated. Then this
calculation uses to obtain one roller-raceway contact force. This processes are repeated
for various load and velocities in order to determine the dependency of stiffness and
damping forces on operational parameters. The operational conditions using the
simulations are given in Table 3.1. After simulations, the results are used to obtain pre-
calculated CFD model. Obtained stiffness and damping parameters are used to calculate
roller-raceway contact normal force calculations. While stiffness is multiplied by
obtained deflection, damping parameter is multiply by roller-raceway approaching

velocity, which is obtained by Simpack Access Function.
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Table 3.1. Bearing Properties and Operational Conditions of CFD Simulations

Bearing NU308
Roller Diameter (mm) 14
Material Steel
Lubricant Shell Spirax MA 80W
Simulated Slice Width (mm) 0.7
Simulation Operational Conditions
Static Force [N] 62
Cage Linear Velocity [m/s] 0.43(500 rpm)-1.7(2000 Rpm)
Temperature [°C] 40

3.5. Validation of Developed Bearing Models

The bearing models are developed using Simpack user routine. A rigid shaft-bearing
system is used to validate Hertzian and CFD based models. For that purpose, two
developed bearing contact models and Rolling Bearing model in Simpack are

implemented on the shaft-bearing system. The system is shown in Figure 3.10.

Sensor location 51

Excitation E1

Sensor location 52

h I

T

Figure 3.10. Rigid shaft-bearing system in Simpack
Model building process of the system is almost similar to Chapter 2.5, and details of the
model building process is presented in there. The model has two bearings, and rollers are
not modelled as a body. NU308 type bearing is used, and the geometric and material

properties of the bearing is presented in Table 3.2.

During simulations, preload forces are applied on both bearings in radial directions (outer
ring to inner ring), which are 100 N in y and 100 N in z directions. Shaft has 500 rpm
angular velocity for Hertzian and Rolling Bearing models. CFD model simulations are

performed for various cases depends on operational conditions. 500 rpm results of the
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CFD model is used in time domain force comparison and LSA comparison. The
developed models are built as Force Element (FE), and FE is used to create applied force
and torque. The results are obtained using sensor S1, which are located on the outer ring

BFRF. The created force inside bearings in y direction is presented in Figure 3.11.

Table 3.2. Properties of NU308 type bearing
Cylindrical Roller Bearing NU308

Bore Diameter 40 mm
Inner Raceway Diameter 52 mm
Outer Raceway Diameter 80 mm
Bearing Outer Diameter 90 mm

Thickness 23 mm
Roller Diameter 14 mm
Roller Length 15 mm
Diametral Clearence 0
Number of Rolling Elements 12
Material Steel
Density 7850 kg/m?3
Young Modulus 210000 MPa
Poisson Ratio 0.3

According to the Figure 3.11, both Hertzian and CFD models suit well with the results of
Rolling Bearing model. The models are supposed to valid for force generation with
respect to time. For deeper investigations of the dynamics of the system, Linear System

Analyses are performed.

Hertzian based model is developed using a similar bases used in the Rolling Bearing force
element in Simpack. Therefore, the dynamic behaviours of these models should match
ideally. The LSA analyses of the models are shown in Figure 3.12. According to the
Figure, the dynamic behaviours of these models are quite similar for this system. The first
peak of the system represents the system movement (all parts together) in radial direction,
and the second peak represents shaft movement in radial direction. The second

eigenmode can be considered as a shaft bending mode. While the first peaks of the models
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are the same, the second resonances are pretty close. Hertz and Rolling Bearing models
have an eigenmodes in 4771 Hz and 4807 Hz, respectively.
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Figure 3.11. Generated Force in bearings in y direction w.r.t. Excitation: E1-E2,
Response: S1
CFD based model uses both fluid and solid interactions for stiffness calculations.
According to the case study in Chapter 2.5 and MSE Tribology Department report [2],
CFD based model has smaller stiffness with respect to Hertzian based model. The
dynamic behaviours of models are almost similar, and the first peaks of models are placed
on the same frequency. The shaft bending mode of the CFD based model has smaller
magnitude and eigenfrequency, due to different stiffness and damping properties. While
Hertzian based model and Rolling Bearing model have no damping effect, CFD based
model has damping force. The other reason of differences between eigenfrequencies can
be caused from operational conditions of simulations. CFD based model is obtained after
500 rpm, and it is directly affected by the shaft rotational velocity. For lubrication regime
under 500 rpm, the available CFD calculations are not valid. For low speed applications,
the lubrication regime is mostly affected by mixed lubrication. Since Hertzian based
model results are not changing with rotational velocity, only velocity dependent CFD

results are examined in here.
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Figure 3.12. LSA comparison of bearing models w.r.t. Excitation: E1-E2, Response: S1
It is shown in the literature [2] that the dynamic properties of the bearing models should
change with operational parameters. While the stiffness and damping parameters of CFD
model are decreasing with increasing rotational velocity of shaft (inner ring), the stiffness

Is increasing and damping is decreasing with increasing applied radial force on bearing.

Figure 3.13 shows LSA results of CFD model for changing shaft rotational velocities. In
order to examine the velocity dependency of the model, simulations are performed for
500 rpm, 1000 rpm and 2000 rpm, and 141. 2 N force (100 N in y and 100 N in z

directions) are applied on both bearings. Results are obtained using sensor S1.
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Figure 3.13. LSA of CFD model for various velocities w.r.t. Excitation: E1-E2,
Response: S1
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According to the results, the first peak is the system movement (all parts together) in
radial direction, and the second peak is about shaft movement in radial direction. Both
two resonances go to the left due to decreasing stiffnesses, and magnitude of the bending
mode is increasing due to decreasing damping. The velocity dependency of the model is
observed clearly in the shaft bending mode, and these results fit well with the reference

[2].

The frequency response functions of CFD model at various applied force state are
presented in Figure 3.14. To investigate the force dependency of the model, simulations
are performed for 141.2 N (100 N in y and 100 N in z directions), 212.1 N (150 N in y
and 150 N in z directions) and 282.8 N (200 N in y and 200 N in z directions) with 1000

rpm shaft rotational speed. LSA results are obtained using sensor S1.
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Figure 3.14.LSA of CFD model for various forces w.r.t. Excitation: E1-E2,
Response:S1
The second peak is again related to the shaft bending mode. The mode resonances shift
to the right due to increasing stiffnesses, and the magnitude of the bending mode is
increasing with decreasing damping. These results suit well with the MSE Tribology
Department report [2].

In this chapter, the model development processes of two bearing contact modelling
approaches are presented. Hertzian based model is developed to create as platform for the
CFD model. After model building process, two models are validated using Simpack
intrinsic model 88 Rolling Bearing. The simulations are performed on rigid shaft bearing

system, and results are analysed in time and frequency domain. In the next chapter, EHD
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and Hertz contact modelling approaches are investigating on flexible systems using the
developed models.
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4. INVESTIGATIONS ON EHD BASED MODELS

The vibration transfer path of a mechanical system is directly affected by the system
components and their dynamic characteristics. The modelling of the system components
determines the accuracy of the results. In order to obtain reliable analysis of a system, the
component models should be built in details. For this aim, developed bearing models in

Chapter 3 are applied on more complex system models in this chapter.

In Chapter 2.5, discrete data contact models are used on a shaft-bearing rigid system. In
Chapter 3, two subroutines are created using Hertzian and EHD based contact models,
which are used on a shaft-bearing rigid system. In order to investigate the effect of bearing
contact models on mechanical systems, elastic multibody simulation (eMBS) approach is
used in this chapter. Finite element approach is used to obtain eMBS models, and flexible
shaft, bearing and housing systems are built in Abaqus. Bearing models are used as single
operating point models (discrete data models) and continuous (subroutine) models in
Chapter 4.

4.1. Study on Bearing Testrig: On one single operating point
4.1.1. Modelling and Simulations

To examine the dynamic characteristics of bearing model on flexible shaft-bearing-
housing system, one single operating point is used to obtain stiffness and damping
parameters. Hertzian and CFD approaches are used to obtain model dynamic parameters.
N1014 bearing is selected, and the details of bearing modelling approaches are presented
in Chapter 2.5. The operating conditions and model parameters of CFD model are shown
in Table 4.1. Similar stiffness and damping parameters in Chapter 2.5 are used for

Hertzian model.

Table 4.1. Operating conditions and dynamic parameters of CFD based discrete model.

Operating Conditions of Discrete Bearing Model

Static Load (N) 155
Velocity (m/s) 54
Temperature (°C) 30
Model Dynamic Parameters
Stiffness (N/m) 1.595x107
Damping (Ns/m) 13.26
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There are two main assemblies of the system, namely shaft and housing. The shaft
assembly is shown in Figure 4.1. The assembly consists of a shaft, two rings (as inner
ring), two shaft nuts and two bushings. Nuts and bushings are used to stabilize the rings.
Boundary conditions (BCs) are used to generate links between Abaqus and Simpack. BCs
are transferred as nodes to Simpack, and the nodes can be used to create markers. There
are six BCs, which are generated in Abaqus model. Two of the BCs are created for two
inner ring center markers. While one of the BCs is composed as external force applying
marker, one of the BCs is created as torque applying marker and one BCs for sensor

location. The last BC is created for the axial support, and it prevents the axial translation.

Figure 4.1. Shaft assembly model in Abaqus
The housing assembly is modeled in Abaqus as an elastic body. Figure 4.2 shows the
model. It contains, a body as a housing, a base part, two rings as outer rings, bushings as
support elements and cover parts. There are two BCs for outer ring centers on center of
rings, two BC for sensor locations on body part and four BCs for ground connections on

base part.

Figure 4.2. Housing assembly model in Abaqus
Two assembly models are imported to the Simpack using Flexible Body Input (FBI) file
generator. The details of the model reduction method are given in Section 2.2.1. The
generator is used to create flexible model in Simpack. After generating the flexible bodies,
markers are created for each BCs. Four markers on the base part fixed to the ground using

0 DoF connection. An external force and excitation torque are applied on the shaft using
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two markers. A marker is used to restrain the axial translation movement of the shaft.
There are two markers on the sensor location. While one of the marker is moving with
the body, the other marker is stationary. These two markers are used to obtain body
acceleration differences. The markers on the inner and outer rings are generated to create
ring roller contact forces. Contact force models are the same as rigid body approaches.
Bearing force elements are directly connected to ring center markers. Figure 4.3 shows
eMBS shaft-bearing-housing model in Simpack.

Excitation E1

Sensor S1

. J

Figure 4.3. Flexible model in Simpack
The simulations are performed with a constant radial force as excitation, and Sensor S1
is used to measure displacement as response (in radial direction z). Three different bearing
models are used in simulations, such as Hertzian model without damping, Hertzian model
with damping and CFD model. Results are obtained using Linear System Analysis, and
Figure 4.4 shows the results.
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Figure 4.4. LSA results of Testrig w.r.t. excitation: E1 and sensor: S1
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Figure 4.4 indicates the difference between three types of models. According to the
simulation results, models have the same mode shapes. While the position of resonances
are the same position for Hertzian based models, the magnitudes are different due to
damping effect. Hertzian model with damping has smaller amplitude. CFD based model
has smaller eigenvalues due to smaller stiffness parameter. The magnitude of CFD model
Is smaller with respect to undamped Hertzian model and larger than damped Hertzian
model. The reason is damping values of CFD model larger than undamped Hertzian
model and smaller than damped Hertzian model. It is obvious that Hertzian based models

and EHD based model leads to different transfer paths in the system.

4.1.2. Experiment and Discussion

The details of the experimental modal analysis are explained in Chapter 2.3.3. To
investigate the effect of bearing contact modelling approaches on mechanical system
dynamics, an experimental study is conducted using a bearing testrig in WZL. The testrig
is designed using simulation shaft-bearing-housing model in Chapter 4.1.1 and results of
the experiment is compared with simulation results. The details of the experiment and test
results are presented in this chapter.

The bearing testrig has a shaft, housing and two bearings. Bearings are selected as N1014.
There are two sensors on different locations. A displacement sensor is placed on shaft,
and an acceleration sensor is assembled on housing to obtain frequency responses of the
system. Shaft is rotated from 1000 rpm to 5000 rpm and the impulse force is applied to
shaft via automatic impulse hammer for extracting the mode shapes and frequency

responses. The bearing tesrig is shown in Figure 4.5.

Automatic

Impulse hammer \\\\\\\

Figure 4.5. Bearing testrig
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Figure 4.6 shows the frequency response of simulation and experimental results.
According to the results, dynamic behavior of test rig is quite different with respect to
simulation results. One of the reason of differences can be operation conditions. Testrig
results are obtained, while shaft is rotating. The other reason can be caused from bearing
clearance. There is no preload in this setup, and bearing has clearance. Moreover, testrig
component stiffnesses also have an impact on test results. It is very difficult, if not
possible, to determine the exact values of component stiffnesses and dampings, especially
for bushings, bolted contacts etc. All these effects cause non-linearities on system, and

the difference between simulation and test results may come from these effects.
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Figure 4.6. Comparison of Simulation and Experimental results
The first peak represents one of the housing modes, shaft and bearing has (almost) no
effect on this mode. Therefore, simulation and test results match for this mode. The
second peaks show shaft bending mode, and this mode is directly affected by bearing
dynamics. According to the zoomed version in Figure 4.6, CFD model has closer results
for this mode. Eigenfrequencies show the relation between stiffness and mass properties.
Since masses are the same, bearing contact stiffness of CFD model is more realistic than
Hertzian model for this mode. However, damping model do not suit well for this mode.
As a result, experimental results and simulation results do not match ideally for discrete
data models. In order to investigate the bearing contact modelling approaches on system
dynamics, continues (subroutine) models are using on eMBS shaft-bearing-housing

system in the next section.
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4.2. Bearing Simulations Using Continues EHD Characteristic Model

The details of continues EHD characteristic model is explained in Chapter 3. In this part
of the study, EHD based (CFD) model is used on eMBS model, and the effect of the
bearing model on system is examined. Simpack model 88 Rolling Bearing and Hertzian
based bearing contact models are used to compare results. NU308 bearing is selected as

bearing type.

The system contains a shaft, two housing parts and two bearings. Bearings have inner and
outer rings. While the outer rings are assembled on housing parts, inner rings are located
on the shaft. Abaqus software is used to obtain the flexible components of the system.
Shaft has two BCs for bearing inner rings and one BC for excitation velocity (or torque)
and external applied force. Each Housing part has a BC for bearing outer ring, a BC for
fixing the system (to the ground) and a BC for sensor location. BCs are created to form
interface between Abaqus and Simpack. Craig-Bampton method is used as model
reduction technique and the model are imported in Simpack via FBI file generator. The
modelling process is quite similar to the last section model and details are explained in
Chapter 4.1. Figure 4.7 shows shaft-bearing-housing model in Simpack.

Sensor S2

;\

v

Figure 4.7. eMBS shaft-bearing-housing model in Simpack
The operation conditions are the same of rigid shaft bearing system in Chapter 3.5. The
results are obtained both time and frequency domains. The generated force in bearings
are examined in time domain, and LSA results are obtained for three different models.
The velocity and force dependencies of EHD contact modelling approach is investigated
using CFD model in frequency domain.

Figure 4.8 shows the created force in bearings for subroutine Hertzian model, Simpack
Model 88 Rolling Bearing and CFD model. According to the Figure 4.8, Hertzian model

and CFD model create the same force in radial direction with respect to rolling bearing
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model. During simulations, 141.42 N total force acting on a bearing in radial direction
due to preloads (100 N iny and 100 N in z directions), and shaft is rotated with 2000 rpm.
CFD model is only applicable above 500 rpm, and simulations are conducting using run
up velocity profile (0 to 2000 rpm) for CFD model. For under 500 rpm regime, subroutine
uses Hertzian calculations, and there is a model switching between 0.8 s and 1 s. The big
jump in the middle is due to the model switching between Hertz and EHD models. When

the system reaches equilibrium, the generated force in bearings become 141.2 N.
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Figure 4.8. Generated total radial force in bearings w.r.t. Excitation: E1, Response: S1
LSA analyses of the model are presented in Figure 4.9. In simulations a sensor (S1) is
located on housing and the acceleration is measured in z direction. Shaft is rotated with
2000 rpm and radial forces acting outer ring to inner ring (141.2 N). The frequency
responses of the Hertz and Rolling Bearing models are almost identical for the system.
The resonant peaks are related the various shaft bending modes or shaft-housing coupled
modes in radial direction. Therefore, the modes are affected by bearing models due to
radial movement. Mode shapes of the system (obtained by Simpack Rolling Bearing
model) is presented in Figure 4.10. The resonance values have almost the same
eigenfrequencies and the magnitudes of the eigenmodes are also quite similar. Results of

these two models match ideally.

The mode shapes of the CFD model is identical to the other models. In the literature [2],
prestudy and rigid shaft-bearing system simulations, the stiffness values of the CFD
modelling approach is smaller than the Hertzian approach, and CFD model includes
damping in simulations. As expected CFD model has smaller eigenfrequencies and
magnitudes for resonances except frequency 2306 Hz, which is shown in Figure 4.10.
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Both CFD and Hertzian based models have almost the same magnitude and location for
2306 Hz mode in Figure 4.10. This mode represents the housing and shaft coupled

movement, and housing movement is dominant. The difference may source from these

phenomena.
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Figure 4.9. LSA comparison of eMBS bearing models w.r.t. Excitation:E1 Response:Sl
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Figure 4.10. Mode Shapes of Hertzian based eMBS models
Figure 4.11 represents LSA results of CFD model for various rotational velocities.

According to the results, the resonant peaks of the system show the same eigenmodes on
different places. While the angular velocity of shaft is increasing, the resonant peaks
should move to the left due to decreasing stiffness and magnitudes should decrease. This
situation is clearly observed for the last peak. However, these phenomena is not clearly
observed for the other modes. This may due to the sensor location. The sensor measures
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the acceleration difference on housing in z direction and only last modes is directly
represent the shaft bending mode in z direction.
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Figure 4.11. CFD model for various rotaional velocities w.r.t. Excitation:E1,Response:S1
LSA results of CFD model for various applied force is shown in Figure 4.12. Simulations
are conducted for various radial forces, such as 141.2 N (100 N in y and 100 N in z
directions), 212.1 N (150 N in y and 150 N in z directions) and 282.8 N (200 N in y and

200 N in z directions), with 500 rpm shaft rotational velocity. Results are obtained using
sensor S1.

According to the results, the last resonance moves to the right due to increasing stiffness,
and the magnitudes of the modes are increasing with increasing forces. These result
matches with MSE Tribology department report [2]. The other modes do not fit.
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Figure 4.12. CFD model for applied various forces w.r.t. Excitation: E1, Response: S1
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5. GEARBOX SYSTEM SIMULATIONS

In Chapter 4, discrete and continues bearing contact models are used on eMBS shaft-
bearing-housing system models. Bearings are main components for radial force
generation, therefore shaft-bearing-housing system simulations can be named as bearing
level simulations. In order to analyse EHD and Hertzian based bearing contact models
detailly, more complex systems should be examined. For this aim, an eMBS gearbox
system is built for system level investigations. The flexible system components are
created in Abaqus and then transferred into the Simpack via FBI file generator using Craig
Bampton model reduction technique. The system has two shafts, a housing part, two gears
and four bearings. Shafts are named as input and output shafts, and gears are assembled
on shafts. Gears have 21 and 23 teeth, and bearings are selected as NU308. Sensors are
located on housing to measure the acceleration. The system in Simpack is shown in Figure
5.1.

Bearing location

Input shaft s Bearing location

Output Shaft

Bearing location

Excitation

Bearing location

- Sensor positions y @

. Input -

Figure 5.1. Flexible gearbox model in Simpack

Campbell diagram is a 3-Dimensional plot, and it provides information about system
dynamic characteristics. The diagram is used to obtain the relation between frequency,
velocity and system response. System response is obtained using sensor (output) signal,
which can be acceleration, displacement, velocity etc. System resonances are shown in
the diagram with their magnitudes, and frequencies. Moreover, the velocity dependencies
of resonances are represented as well. Run-up simulations, which have performed with
rising velocity profile, are used to obtain Campbell diagram.
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In this study, Campbell diagram is used to examine the dynamic characteristics of gearbox
model. For this aim, 82 Nm constant torque is applied on input shaft (Excitation E1), and
output shaft is rotating with run-up velocity from 500 rpm to 2500 rpm (Excitation E2).
Sensor S1 is used to obtain system response as acceleration. Subroutine CFD based

bearing model is used to obtain Campbell diagram of gearbox simulation model.

Figure 5.2 shows Campbell diagram of gearbox model with CFD based subroutine. While
the linear lines represents gear mesh frequency and its harmonics, vertical lines show
resonance frequencies. Linear line colours are changing with magnitudes of response
(acceleration). For instance, resonance between 2500 Hz and 3000 Hz has larger
magnitude with respect to other resonances and the intersection between the resonance
and gear mesh frequency harmonics are red. Resonances in the diagram represents

various shaft bending modes, and they are affected by bearing dynamics.
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Figure 5.2. Campbell Diagram of eMBS gearbox with subroutine CFD bearing model

80

Sensor S1:z direction

The detailed views of Figure 5.2 (section A and B) are shown in Figure 5.3. According
to the figure, resonances are affected by operational velocity. White straight lines are
added to the diagram, in order to show velocity dependencies of resonances. It is clear
that resonances shift to left with increasing velocities, and this situation indicates
stiffnesses are decreasing. Black lines are used to create region between 2500 Hz and
3000 Hz. There are harmonics in this region, and the largest magnitudes are observed

with respect to other resonances. Between black lines, the high magnitude region is

53



expanding with increasing velocity. This situation indicates that damping values are

decreasing, as operational velocity is increasing.
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Figure 5.3. Detailed views of Figure 5.2
In order to examine the effect of operational parameters on gearbox system, the transfer
path functions in the frequency domain at various velocity states using LSA are calculated

and shown in Figure 5.4. Figure shows the velocity dependencies of the system.
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Figure 5.4. LSA results of gearbox
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Figure 5.4 indicates that resonances are move to left with increasing velocities. This
situation shows that the system stiffness is decreasing with increasing velocity. The
amount of shifting is about 3%. Except bearing stiffnesses, other component stiffnesses
can be assumed constant in the simulation gearbox model. The gearbox system dynamic
behaviour is changing due to bearing dynamics. In order to examine to these phenomena,
stiffness and damping parameters inside the bearings are investigated. Figure 5.5 shows

changing parameters inside a bearing, which are used in gearbox system.
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Figure 5.5. Percentage parameter changing in bearing contact
According to the figure, stiffness changing in a bearing is about 20%, and damping
changing in a bearing is approximately 35%. The gearbox system model has four bearings
and resonance location shifting and magnitude range differences are sources from the

bearing dynamic parameters.

Unlike EHD based models, Hertzian based bearing contact models are not affected by
operational parameters. The stiffness values of Hertzian based models are determined
using geometric and material parameters. For this reason, the dynamic parameters of the
model are not changing with rotational velocity. Figure 5.6 shows a Campbell diagram of
gearbox, which includes subroutine Hertzian based model without additional damping.
Figure 5.2 and Figure 5.6 are obtained using the same operational conditions, and only
bearing models are different. White lines show some of the resonances, and the region

between black lines indicate damping changing for a resonance. According to the last
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figure, there are no shifting for resonances, and no changing for magnitude range. As a
result, there are no stiffness and damping shifting.
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Figure 5.6. Campbell Diagram of eMBS gearbox with subroutine Hertzian based
bearing model
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6. GEARBOX EXPERIMENTS

In the previous chapters, it was shown that how bearing models are built as subroutines
in Simpack, and simulations are performed using these models. In order to investigate the
bearing dynamic effects on a mechanical system and validate the simulations in the
previous chapter, an experimental study is conducted using a gearbox testrig. The test
gearbox is designed the same as simulation gearbox and results of the experiment is used
to validate simulation results. The details of the experiment and test results are presented

in this chapter.

6.1. Testrig

Figure 6.1 shows a picture of the gearbox used in experiments. The gearbox has an input
and output shaft, a housing, two gears and four bearings. Bearings are selected as NU308.
Sensors are located on the various positions on housing and acceleration of the housing
is measured during experiments. While the excitation torque is applied on input shaft,
output shaft is rotated by input shaft with respect to the corresponding gear ratio.

Bearing location

o 1 r—
B Bearing location

. Sensor positions

Figure 6.1. Gearbox testrig
There are various operation conditions in the experiment. Torque values are applied from
75 Nm to 305 Nm, and the shafts are reached 2500 rpm as maximum velocities. Different
torque and velocity values are used to obtain system frequency responses for various
operational conditions. A hammer is used to excite the shaft for extracting the mode
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shapes and obtaining frequency responses of the system. The details of the system
together with operating conditions are shown in Table 6.1.

Table 6.1. Details of gearbox testrig

Gearbox Datas
Number of teeth on output gear 23
Number of teeth on input gear 21
Gear Ratio 0.91
Bearing Type NU308
Oil Type Shell
Operating Conditions
Velocity [rpm] 300-2500
Torque [Nm] 75-305

6.2. Results and Discussions

Campbell diagram of gearbox testrig is presented in Figure 6.2. In order to obtain the
diagram, 82 Nm torque is applied on input shaft, and output shaft is excited via hammer
impulse. Sensor S1 is used to obtain system vibrations. Resonances, gear mesh frequency

and its harmonics are shown in the figure.
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Figure 6.2. Campbell Diagram of gearbox testrig w.r.t. sensor 1
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Although various resonances are detected in Figure 6.2, only resonances A and B are
analyzed further in details. These resonances are corresponding to the shaft-bearing
bending mode. Since bearing stiffness changes due to operational parameters, the system
dynamic behaviour is affectted by the bearing-shaft bending mode. Therefore, these
modes are important to analyze in details. Figure 6.3 shows section A and B. Mode shapes
are obtained using simulation model, since testrig gearbox mode shapes match the

simulation gearbox mode shapes.

! 130
2000 2200 2400 2600 2800 3000, 1000 1200 1400 1600 1800 2000y,

Figure 6.3. Sections from Figure 6.2
According to the figure, system modes move to left with increasing velocity, this means
system stiffness is decreasing with rising rotational velocity. These phenomena are also
observed for simulation gearbox system with subroutine CFD-based bearing model and
not detected for gearbox system using Hertzian-based bearing model. In order to examine
the amount of shifting, amplitude spectrums of section A is obtained. Figure 6.4 shows

amplitude spectrums of a resonance for two different velocities.

Results in Figure 6.4 indicates a shifting in the resonance to the left by increasing velocity.
The amount of shifting is about 3.5%. While shaft rotational speed increases, the
thicknesses in the bearing contacts increase. Thus, stiffness of the contact decreases due
to amount of fluid in contact increases. This situation can lead to a decrease in the total
bearing stiffness, and this means that the bearing-shaft bending natural frequency may

decrease.
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Figure 6.4.LSA results of gearbox testrig for different velocities w.r.t. sensor 1
Another important aspect in dynamic systems simulation which can be considered in the
EHD-based bearing model, is the amount and behaviour of the contact damping. In order
to investigate the velocity dependency of damping, section B in Figure 6.2 is examined
with details. Two simulation model and testrig results are compared each other, and they
are presented in Figure 6.5. Figure shows that the resonance area at 2.8 kHz gets wider
by increasing velocity in experiment and CFD-based model simulation. As shown in
Figure 6.5, the resonance at 2.8 kHz belongs to the shaft-bearing vibration mode in section
B. This situation may indicate, damping is decreasing with increasing velocity. This
situation can also source from fluid film thicknesses in bearing. As the fluid film thickness
increasing, material hysteresis damping is decreasing, hence fluid damping can increase.
This causes to decrease in the total bearing damping, which effects to the bearing-shaft

bending modes magnitude.

Hertzian based model is not affected by operational velocity, and it does not have
damping effect. Therefore, there is no changing observed for Hertzian based model in this
region.
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Figure 6.5. Comparison of simulation and testig results for section B w.r.t. sensor 1

In order to validate simulation results, the difference between CFD based model, Hertzian

based model and testrig measurements are presented in Figure 6.6, which is obtained

using sum level experiment. Overall acceleration signals are used with operational

rotational velocity for entire testrig system and the simulation models.
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Figure 6.6. Sum level experiment results for various models

Figure 6.6 shows the dynamic behaviour of CFD based model, which matches well with

experiment results. The resonance peak locations and magnitudes of CFD based model

and measurement results suit, especially after 1200 rpm in the figure. The performance

of CFD based model is better than Hertzian based model.
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As a result, testrig gearbox measurements show, the dynamic behaviour of the system is
affected by velocity. Both stiffness and damping properties are changing with increasing
rotational velocity. CFD based simulation model includes velocity dependencies and the
results of the model is more realistic and reliable. Hertzian based simulation model does
not include velocity dependent parameters. Mode shapes of testrig gearbox and
simulation models match, and eigenfrequencies are quite close. For this reason,

simulation results are assumed valid.
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7. CONCLUSION

7.1. Summary

Dynamic contact modelling of bearing has an important role in Multibody Simulations.
The vibro-acoustic transfer functions of the mechanical systems are affected by bearing
modelling approaches. There are various aspects of the bearing contact force calculations
in literature. While, Hertzian contact calculations are used for solid contacts, EHD
approaches are applicable for lubricated contact forces. In order to examine the variations
of these models, the force and velocity dependent contact force models are developed.
Reynolds and CFD approaches are used to obtain discrete data EHD models, and CFD
approach is used to build continues EHD model. In this study, EHD and Hertzian based

contact force calculation models are examined using Simpack.

MBS provides chance to investigate dynamic behaviours of mechanical systems. As MBS
mainly focuses on rigid bodies, flexible MBS uses to analyse structural behaviour of the
systems. Both rigid and flexible MBS models are built in Simpack, and the frequency
response of the developed bearing contact force models are investigated. Shaft-bearing-
housing model is created as bearing level simulations, and a gearbox model is created as

system level simulations.

Two different validation method is used in this study. Simpack has its own rolling bearing
model, namely Force Element 88 Rolling Bearing. Rolling Bearing model is used in
bearing level simulations, and results of the simulations are compared with Hertzian and
EHD based model simulation results. Moreover, experimental studies are performed via
bearing and gearbox testrig. Obtained simulation and experimental results are compared
each other.

According to the results of the study, the modelling method of the bearing contact model
has a crucial effect on mechanical system vibration transfer path. Hertzian based
modelling approach do not consider dependency of operational velocity, and it does not
include lubricant damping effect. Unlike Hertzian based models, EHD based models
include lubricant damping effect and take into consider velocity dependent stiffness and
damping parameters. EHD based model provide relatively 4% less stiffness, and 32%
more damping for shaft-bearing-housing system simulation model. The system stiffness

is decreasing 4% and damping is decreasing 50% due to increasing rotational velocity for
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EHD based model. While stiffness of a bearing is changing about 20% in gearbox model,
this effect about 3% system total stiffness.

The results of Simpack Model 88 Rolling Bearing matches well with both CFD and
Hertzian based model. Since Rolling Bearing model uses Hertzian based contact
calculation method, the simulation results of Rolling Bearing and Hertzian based
subroutine model is almost the same. CFD based model simulation results has smaller
stiffnesses and eigenfrequencies with respect to Rolling Bearing model simulations due

to lubricant effect.

Experimental study on gearbox indicates, system resonances are shifting left, and total
stiffness is decreasing about relatively 3.5% with increasing velocity. The lubricant
damping effect is observed clearly in experimental results. Mode shapes and
eigenfrequencies suit both CFD and Hertzian based model simulations. According to the
gearbox testrig results, CFD based bearing contact model provides more reliable and

realistic results.
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